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ABSTRACT  
The requirements for reduced emissions are forcing automotive manufacturers to design more energy efficient powertrains. 
Research investigations are focusing on identifying the frictional losses of influencing components, such as gears and 
bearings. Nevertheless, studying the efficiency of transmissions from a system perspective is a challenging task. In this paper, 
a dynamic model of a manual transmission system has been developed, including the interactions between its main 
components. The effect of temperature variation on bearing preload and performance of bearings and gears is considered. 
The model produces efficiency results for snapshots of the RDE driving cycle, a standard metric of vehicle’s performance. 
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1. INTRODUCTION 
The automotive industry is driven by international and national legislations governing fuel efficiency and reduced emissions 
[1], leading to improving the performance of transmission and the reduction of different types of power losses that occur [2]. 
Although automotive manual transmissions are generally quite efficient systems (reaching values of 97%), further 
improvements could lead to even better performance, reduced wear and losses. The amount of friction generated in a manual 
transmission can represent 17% of the total mechanical losses in some cases. To put this into perspective, it is double the 
friction of the crankshaft journal bearings and half the piston assembly friction [3]. The most power consuming parts of 
manual transmissions are gears and bearings, since they can be heavily loaded, leading to the need of improving their 
efficiency [4]. A fact that should be taken into consideration when referring to gears efficiency is that it generally varies 
between 90 – 99% [5]. However, gears can be described as the transmission components with the highest power losses [6].  
Bearings are the second most power consuming component in a gearbox [7]. Amongst the different types employed in 
transmissions, tapered roller bearings are vastly used due to higher and controllable properties, as well as durability. Tapered 
roller bearings are considered in this work in order to analyze the effect of temperature on preload and, consequently, on 
the occurring friction [8]. Bearing contact losses can mainly be summarized as the viscous and boundary friction generated 
during their operation, thus they are the main types of losses that need to be controlled [9]. The factors affecting both viscous 
and boundary friction are the type and size of the bearing, the applied load, the rotational speed, the lubricant properties 
and the contacting material properties [10].  
Another important factor of bearing efficiency, durability and functionality is the preload that is always applied at the design 
stage on tapered roller bearings but can change significantly under varying temperatures [11]. As preload it is considered the 
applied clearance on the bearing during its positioning on the shaft to help it maintain its axial and radial position during 
operation. If not chosen properly, it could supplement on the occurring bearing deflection during operation, thereby 
increasing the induced losses [12]. An approach to limit the effect of preload on bearings used in transmissions is thermal 
compensation [13]. The clearance between the casing and the rolling elements of the bearing increases during operation due 
to two different types of loads; loads due to the pre-set bearing internal interference fit, denoted as initial preload; and loads 
due to uneven thermal expansion of the bearing components, denoted as thermally induced preload or thermal load [14]. 
The mechanism for the generation of thermally induced preload levels has four stages: 
• Friction heat generation i.e. thermal energy generated through the shearing of the lubricant and, where appropriate, 
contact between the contiguous surfaces.                                                                                                                                            
• Heat transfer i.e. controls the distribution of heat and, thus, the temperature of the bearing parts. 
• Thermal expansion i.e. the change in the bearing dimensions as a result of changing temperature.                                      
• Contact force inducement (induced preload), which is the bearing force created by the uneven thermal expansion of 
different bearing parts [15].  
There are many factors that affect the variation in preload during operation. This includes the bearing deflection caused by 
the instantaneous radial and axial forces, the uneven thermal expansion between rollers, the outer ring and the housing and, 
finally, the rotational speed of the bearing [16].   
In this paper the effect of thermally induced preload on the tribological behaviour of elastohydrodynamic conjunctions of 
tapered roller bearings in manual transmissions has been investigated in conjunction with gear operation. The total power 
losses of the system are presented. The simulations conducted are based on snapshots of the RDE driving cycle which 
provides realistic values of the operating conditions in a passenger car. In addition, the use of the RDE driving cycle as input 
for the examined system provides a useful tool to approach standard metrics of a vehicle’s performance.  
2. METHODOLOGY 
In this section, the approach followed to evaluate the effect of thermally induced preload on transmission losses (system 
level) will be described. 
2.1 Applied load on tapered roller bearings – thermally induced preload  
Tapered roller bearings are subject to simultaneous axial and radial loading. For the calculation of bearing friction, it is 
necessary to calculate the total applied load on the bearing rolling elements (normal plane) using an iterative method. The 
axial deflection of the tapered roller bearing elements is given by equation (1): 
 
𝛿𝛿𝛼𝛼 =  � 𝐹𝐹𝛼𝛼𝑧𝑧𝐾𝐾𝑛𝑛𝐽𝐽𝑎𝑎 sin𝛼𝛼�0,9 + 𝑃𝑃𝑟𝑟,𝑖𝑖          (1) 
 
The axial deflection (𝛿𝛿𝛼𝛼) depends on 𝐹𝐹𝛼𝛼, which is the axial load applied on the tapered roller bearing, z, the number of rolling 
elements, 𝐾𝐾𝑛𝑛, the load deflection factor, 𝛼𝛼, the contact angle of the bearing and 𝑃𝑃𝑟𝑟,𝑖𝑖, the initially applied preload [17]. The 
radial deflection is described by equation (2): 
 
𝛿𝛿𝑟𝑟 =  � 𝐹𝐹𝑟𝑟𝑧𝑧𝐾𝐾𝑛𝑛𝐽𝐽𝑟𝑟�0,9 + 𝑃𝑃𝑟𝑟,𝑖𝑖          (2) 
 
𝛿𝛿𝑟𝑟  is the radial deflection and 𝐹𝐹𝑟𝑟  is the radial load [17]. It should be mentioned that both axial and radial bearing loads are 
the result of gear dynamics and generated torque during their meshing. 𝐽𝐽𝑎𝑎 and 𝐽𝐽𝑟𝑟 are the axial and radial integrals, 
respectively. The values of the integrals depend on the load distribution factor e which is given by: 
 
𝑒𝑒 = 1
2
�1 + 𝛿𝛿𝛼𝛼 tan 𝛼𝛼
𝛿𝛿𝑟𝑟
�           (3) 
 
The relationship between the integrals and the load distribution factors is given by complicated equations with respect to the 
constantly changing position of the bearing rolling element on the shaft during operation. However, these equations have 
been solved for several values of the load distribution factors and the results are now presented in tables or figures in the 
corresponding literature. For this work, an iterative method has been used in order to find the bearing deflection at each 
time step and operating conditions. For each pair of deflection values, the load distribution factor is calculated, and the 
integrals are tracked using the available tables [18]. 
Thermally induced preload is defined as the thermal expansion that applies on the bearing elements during operation due 
to temperature difference. It also depends on the initial preload, the geometry of the bearing and its thermal expansion 
coefficient [19]. Thermally induced preload is calculated in the model for different temperatures observed on an automotive 
gearbox. The thermally induced deflection for different temperature values is given by equation (4): 
 
𝑃𝑃𝑟𝑟,𝑇𝑇 =  𝑎𝑎𝑡𝑡ℎ𝑃𝑃𝑟𝑟,𝑖𝑖𝑇𝑇𝑇𝑇           (4) 
 
𝑃𝑃𝑟𝑟,𝑇𝑇  is the thermally induced preload, 𝑎𝑎𝑡𝑡 is the thermal expansion coefficient, 𝑃𝑃𝑟𝑟,𝑖𝑖 is the initially applied preload, 𝑇𝑇 is the 
temperature and 𝑇𝑇 is the bearing radius [20]. The thermally induced preload is added in the deflection equations (1) and (2) 
so that the thermal effect is taken into account for the friction calculations. Therefore, equations (1) and (2) are updated as: 
 
𝛿𝛿𝛼𝛼 =  � 𝐹𝐹𝛼𝛼𝑧𝑧𝐾𝐾𝑛𝑛𝐽𝐽𝑎𝑎 sin𝛼𝛼�0,9 + 𝑃𝑃𝑟𝑟,𝑇𝑇          (5) 
𝛿𝛿𝑟𝑟 =  � 𝐹𝐹𝑟𝑟𝑧𝑧𝐾𝐾𝑛𝑛𝐽𝐽𝑟𝑟�0,9 + 𝑃𝑃𝑟𝑟,𝑇𝑇          (6) 
 
The axial and radial bearing loads are the result of gear meshing. In the case examined, the gears operate under the RDE 
driving cycle. For that reason, an iterative method is used to calculate both deflections for each axial – radial load 
combination, then the load distribution factor and, finally, the integrals, as described above. The results of the iterative 
method are used for calculating the total applied load on the normal plane of each element of the tapered roller bearing. 
The final applied load is given by equations (7) and (8): 
 
𝑞𝑞 =  𝐹𝐹𝑟𝑟
𝐽𝐽𝑟𝑟𝑧𝑧 cos𝛼𝛼
           (7) 
 
𝑞𝑞 =  𝐹𝐹𝛼𝛼
𝐽𝐽𝛼𝛼𝑧𝑧 sin𝛼𝛼
           (8) 
  
It should be pointed out that due to the contact angle being the same for all the rolling elements of the tapered roller bearing 
the values of the integrals are approximate. This allows to calculating the actual applied load either using the values of the 
radial or axial load. The effect of both loads has already been taken into account on the calculation of the deflections and 
integrals. 
2.2 Bearing friction 
The model of tapered roller bearings can evaluate the amount of viscous friction that is generated in the bearings during the 
gearbox operation [21]. The viscous friction is described by equation (9):  
 
𝐹𝐹𝑣𝑣𝑖𝑖𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣 = 𝜇𝜇𝑞𝑞           (9) 
 
μ is the coefficient of friction and q is the applied load on each roller at each instant of operation, which depends on the input 
applied load on the bearing that is calculated as explained in the previous section. The coefficient of friction can be described 
by: 
 
𝜇𝜇 = 0,87𝛼𝛼𝜏𝜏0 + 1,74 𝜏𝜏0𝑃𝑃𝑚𝑚𝑚𝑚𝑎𝑎𝑛𝑛  ln � 1.2𝜏𝜏0ℎ𝑐𝑐0 � 2?̇?𝐾𝜂𝜂01+9.6𝜉𝜉�1/2�        (10) 
  
a is the pressure-viscosity coefficient, hc0 is the dimensionless central film thickness, K is the conductivity of the lubricant and 
η0 is the dynamic viscosity of the lubricant at atmospheric pressure [22]. In order to find the total friction occurring on the 
bearing rolling elements, the calculation of boundary friction is necessary. The boundary friction is given by: 
 
𝐹𝐹𝑏𝑏𝑣𝑣𝑣𝑣𝑛𝑛𝑏𝑏𝑎𝑎𝑟𝑟𝑏𝑏 =  𝜏𝜏𝐿𝐿  𝐴𝐴𝑎𝑎           (11) 
 
τL is the limiting shear stress and Aa is the asperity contact area [23]. The limiting shear stress is given by: 
 
𝜏𝜏𝐿𝐿 = 𝜏𝜏0 + 𝜀𝜀𝑃𝑃𝑚𝑚𝑚𝑚𝑎𝑎𝑛𝑛           (12) 
 
τ0 is the Eyring stress, ε is the slope of the lubricant limiting shear stress-pressure curve and Pmean is the mean pressure applied 
on each roller at each instant of time during operation [24], as described by: 
 
𝑃𝑃𝑚𝑚𝑚𝑚𝑎𝑎𝑛𝑛 =  𝑊𝑊𝑎𝑎𝐴𝐴𝑎𝑎             (13) 
 
If Gaussian distribution of asperity peaks is assumed, then a fraction of the load can be carried by these asperities [25], as 
given by: 
 
𝑊𝑊𝑎𝑎 = 16√215 𝜋𝜋(𝜉𝜉𝛽𝛽𝑎𝑎𝜎𝜎)2� 𝜎𝜎𝛽𝛽𝑎𝑎 𝛦𝛦′𝛢𝛢𝐹𝐹52(𝜆𝜆)          (14) 
 
ξ is the asperity density per unit area, 𝛽𝛽𝑎𝑎  is the average asperity tip radius, σ is the composite RMS surface parameter, Α is 
the apparent contact area, Ε' is the reduced elastic modulus of the contacting surfaces and F5/2(λ) is a statistical function for 
Gaussian distribution of asperities. The asperity contact area Aα is described as: 
 
𝐴𝐴𝑎𝑎 =  𝜋𝜋2(𝜉𝜉𝛽𝛽𝑎𝑎𝜎𝜎)2𝐹𝐹2(𝜆𝜆)           (15) 
 
where F2(λ) is another statistical function for Gaussian distribution of asperities. 
2.3 Gear pair models 
A dynamic model describing gear meshing is necessary for the calculation of gearbox efficiency, as well as for tracking the 
interactions between gears and bearings. However, the operating conditions differ between loaded and unloaded gears. The 
unloaded gear teeth are subjected to hydrodynamic regime of lubrication. The film thickness is given by:  
 
ℎ =
⎩
⎪
⎨
⎪
⎧𝐶𝐶𝑏𝑏 −
𝑅𝑅𝑏𝑏𝑏𝑏𝜑𝜑𝑏𝑏−𝑅𝑅𝑏𝑏𝑏𝑏𝜑𝜑𝑏𝑏
cos 𝑎𝑎𝑡𝑡
 , 𝑅𝑅𝑏𝑏𝑏𝑏𝜑𝜑𝑏𝑏 > 𝑅𝑅𝑏𝑏𝑏𝑏𝜑𝜑𝑏𝑏
𝐶𝐶𝑏𝑏                              , 𝑅𝑅𝑏𝑏𝑏𝑏𝜑𝜑𝑏𝑏 = 𝑅𝑅𝑏𝑏𝑏𝑏𝜑𝜑𝑏𝑏
𝐶𝐶𝑏𝑏 + 𝑅𝑅𝑏𝑏𝑏𝑏𝜑𝜑𝑏𝑏−𝑅𝑅𝑏𝑏𝑏𝑏𝜑𝜑𝑏𝑏cos 𝑎𝑎𝑡𝑡  , 𝑅𝑅𝑏𝑏𝑏𝑏𝜑𝜑𝑏𝑏 < 𝑅𝑅𝑏𝑏𝑏𝑏𝜑𝜑𝑏𝑏         (16) 
 
where 𝐶𝐶𝑏𝑏 is the gear pair half backlash, 𝑅𝑅𝑏𝑏𝑏𝑏 and 𝑅𝑅𝑏𝑏𝑏𝑏 are the base radius of the pinion and the wheel respectively, 𝜑𝜑𝑏𝑏 and 𝜑𝜑𝑏𝑏 
are the angular displacement of the pinion and the wheel and 𝑎𝑎𝑡𝑡 is the transverse pressure angle (if the gears examined are 
helical, as in this case) [26]. On the unloaded gear teeth, the viscous flank friction is described by: 
 Ff = �L𝑎𝑎𝑐𝑐𝑡𝑡πη0Δu√2h �req          ,Δu ≥ 0L𝑎𝑎𝑐𝑐𝑡𝑡πη0(−Δu)
√2h �req     ,Δu < 0         (17) 
 
 
where 𝐿𝐿𝑎𝑎𝑣𝑣𝑡𝑡 is the gear pair line of action, 𝜂𝜂0 is the lubricant’s viscosity, 𝑇𝑇𝑚𝑚𝑒𝑒 is the equivalent radius of curvature and Δu is the 
gear pair sliding speed [27]. The unloaded gears also lose power due to friction generated between the shaft and the gear 
(Petrov friction) as described by: 
 
𝐹𝐹𝑏𝑏 = 2𝜋𝜋𝜂𝜂0𝑣𝑣𝑅𝑅𝑏𝑏𝑏𝑏𝑙𝑙𝑟𝑟𝑟𝑟𝐶𝐶𝑐𝑐            (18) 
 
where 𝑙𝑙𝑟𝑟𝑟𝑟 is the gear blank width [28]. The friction of the gear teeth for the loaded gear pair is given by different equations 
since the hydrodynamic regime of lubrication no longer applies [29]. The load that applies on the engaged teeth is given by : 
 
𝑊𝑊 = � 𝑘𝑘 ∗ �𝑅𝑅𝑏𝑏𝑏𝑏𝜑𝜑𝑏𝑏 − 𝑅𝑅𝑏𝑏𝑏𝑏𝜑𝜑𝑏𝑏� − 𝐶𝐶𝑏𝑏     ,𝐷𝐷𝑇𝑇𝐷𝐷 > 𝐶𝐶𝑏𝑏0                                                        , |𝐷𝐷𝑇𝑇𝐷𝐷| < 𝐶𝐶𝑏𝑏
𝑘𝑘 ∗ �𝑅𝑅𝑏𝑏𝑏𝑏𝜑𝜑𝑏𝑏 − 𝑅𝑅𝑏𝑏𝑏𝑏𝜑𝜑𝑏𝑏� + 𝐶𝐶𝑏𝑏      ,𝐷𝐷𝑇𝑇𝐷𝐷 < −𝐶𝐶𝑏𝑏        (19) 
 
Where 𝑘𝑘 is the meshing stiffness and 𝐷𝐷𝑇𝑇𝐷𝐷 is the dynamic transmission error [30]. Their teeth suffer from both viscous and 
boundary friction due to the elastohydrodynamic regime of lubrication, as follows: 
 
𝐹𝐹𝑟𝑟,𝑣𝑣𝑖𝑖𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣 = 𝜇𝜇𝑟𝑟𝑞𝑞𝑟𝑟           (20) 
𝐹𝐹𝑟𝑟,𝑏𝑏𝑣𝑣𝑣𝑣𝑛𝑛𝑏𝑏𝑎𝑎𝑟𝑟𝑏𝑏 =  𝜏𝜏𝑟𝑟,𝐿𝐿 𝐴𝐴𝑟𝑟,𝑎𝑎          (21) 
 
where 𝜇𝜇𝑟𝑟 is the coefficient of friction, q is the applied load, τL is the limiting shear stress and Aa is the asperity contact area 
[30]. The methodology followed for the calculation of the gear friction is similar to that described in the previous section for 
the tapered roller bearing component. More specifically, equation (10) explains the calculation of the coefficient of friction 
whereas equations (12) - (15) show the calculation for the rest of the parameters. 
 
The last type of losses examined are the churning losses described as: 
 
𝑃𝑃𝑉𝑉𝑉𝑉0 = 𝑇𝑇𝐻𝐻 𝜋𝜋𝑛𝑛30            (22) 
 
𝑇𝑇𝐻𝐻,𝑖𝑖 is the total hydraulic loss torque and n is the rotational speed. The total hydraulic loss torque is calculated as: 
 
𝑇𝑇𝐻𝐻 = 𝐶𝐶𝑆𝑆𝑏𝑏𝐶𝐶1𝑒𝑒𝐶𝐶2� 𝑣𝑣𝑡𝑡𝑣𝑣𝑡𝑡0�           (23) 
  
𝐶𝐶𝑆𝑆𝑏𝑏 is the splash oil factor, 𝐶𝐶1,2 state the effect of the tooth width and the immersion depth. They are described as: 
 
𝐶𝐶𝑆𝑆𝑏𝑏 = �4ℎ𝑚𝑚,𝑚𝑚𝑎𝑎𝑚𝑚3ℎ𝑐𝑐 �1.5 2ℎ𝑐𝑐𝑙𝑙ℎ           (24) 
𝐶𝐶1 = 0.063 �ℎ𝑚𝑚1+ℎ𝑚𝑚2ℎ𝑚𝑚0 � + 0.0128 � 𝑏𝑏𝑏𝑏0�3         (25) 
𝐶𝐶2 = ℎ𝑚𝑚1ℎ𝑚𝑚280ℎ𝑚𝑚0 + 0.2           (26) 
 
ℎ𝑚𝑚,𝑚𝑚𝑎𝑎𝑚𝑚 is the maximum tip circle immersion depth with stationary oil level, ℎ𝑣𝑣 is the height of the point of contact above the 
lowest point of the immersing gear, 𝑙𝑙ℎ is the hydraulic length, ℎ𝑚𝑚1,𝑚𝑚2 are the tip circle immersion depth with stationary oil 
level, ℎ𝑚𝑚0 is the reference value of the immersion depth, b is the tooth width and 𝑏𝑏0 is the reference value of tooth width 
[31].  
3. RESULTS 
The examined system is a manual transmission of a passenger vehicle which comprises two shafts and six gear pairs. At each 
end of the output shaft a tapered roller bearing is mounted. The system examined can be seen in figure (1): 
  
Figure 1. Transmission system examined 
The system model examines the dynamics of the gears of a manual gearbox and their effect on the performance of tapered 
roller bearings. The simulations ran for different temperatures in order to capture the temperature effect on preload and 
consequently on the bearings generated friction. To be more precise, the RDE cycle data are used as the input shaft angular 
velocity. Different parts of the cycle are used for input data so that the system power losses can be captured for different 
operating conditions. Table 1 summarizes the employed input data. The temperature changes for the different RDE cycle 
parts. The engaged gear pair is identified and the dynamics of each gear pair are solved based on the fact of it being loaded 
or unloaded. The solving of dynamics provides the axial and radial loads that apply on the bearings at each instant of time. 
For those values, and for specific temperatures, the deflection of the bearing based on the value of thermally induced preload 
is calculated. Finally, the friction that is generated is calculated for all components.  
 
Table 1 RDE Cycle Operating Conditions 
Scenario 
 
RDE Cycle Time Part 
[s] 
Input Shaft Velocity Range 
[rad/s] 
Engaged Gear Temperature 
[oC] 
1 1 – 16 81 – 83 1 20 
2 20 – 30 170 – 190 2 80 
 
The gear frictional losses are presented in figures (2) and (3) for the two examined scenarios. 
  
 
Figure 2. Gear and Journal Bearing Losses for Scenario 1 
 
Figure 3. Gear and Journal Bearing Losses for Scenario 2 
The presented results show that the churning losses dominate (for the operating conditions examined) whereas the least 
power is consumed by the unloaded gears. To be more precise, the Petrov friction has the lowest value. On the other hand, 
the loaded gears are more power consuming having significantly higher power losses compared to the unloaded gears. It 
should be mentioned that all types of losses increase with the increase of velocity and temperature (scenario 2). Figure (4) 
presents the corresponding bearing power losses. 
 
 
Figure 4. Rolling Element Bearing Losses  
The bearing losses are lower compared to these of the gears. However, the increase of velocity and temperature has led to 
higher bearing losses as it did for the gear losses. To be more precise, in Scenario 1 the temperature is 20oC and the preload 
value is 1.2240·10-7, whereas in Scenario 2 the temperature is 80oC and the preload is 4.8960·10-7, respectively. This increase 
in the clearance value leads to an increase of the total applied load of the bearing which (with the additional velocity increase) 
creates the change on the power loss level presented in figure (4). It should be pointed out that the effect of the velocity 
change is stronger especially on the power losses due to viscous friction. 
4. Conclusion 
In this paper, the effect of thermally induced preload on the frictional losses of a manual transmission was investigated. A 
model capturing the performance of gears and bearings as well as the interactions between them running under the RDE 
driving cycle has been developed for calculating the frictional losses of the system. The tests ran for different temperature 
values which resulted on different thermally induced preload and for different operating conditions of the RDE driving cycle. 
The results show the effect of temperature and preload on the frictional losses of the tapered roller bearings used in the 
examined gearbox. The findings highlight the importance of controlling thermally induced preload in order to decrease 
frictional losses and improve efficiency.  
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Notation  
a pressure-viscosity coefficient  
Α apparent contact area 
𝐴𝐴𝑎𝑎 asperity contact area of bearing 
𝐴𝐴𝑟𝑟,𝑎𝑎 asperity contact area of gear 
𝑏𝑏 tooth width 
𝑏𝑏0 reference value of tooth width 
𝑐𝑐 damping coefficient 
𝐶𝐶1,2 factors 
𝐶𝐶𝑣𝑣 clearance between shaft and gear 
𝐶𝐶𝑏𝑏 gear pair half backlash 
𝐶𝐶𝑆𝑆𝑏𝑏 splash oil factor 
𝐷𝐷𝑇𝑇𝐷𝐷 dynamic transmission error 
Ε' reduced elastic modulus of contact 
𝑒𝑒 load distribution factor 
𝐹𝐹𝛼𝛼  axial load 
𝐹𝐹𝑓𝑓 hydrodynamic flank friction force 
𝐹𝐹𝑏𝑏 Petrov friction 
𝐹𝐹𝑟𝑟  radial load 
𝐹𝐹𝑏𝑏𝑣𝑣𝑣𝑣𝑛𝑛𝑏𝑏𝑎𝑎𝑟𝑟𝑏𝑏  bearing boundary friction 
𝐹𝐹𝑟𝑟,𝑏𝑏𝑣𝑣𝑣𝑣𝑛𝑛𝑏𝑏𝑎𝑎𝑟𝑟𝑏𝑏 gear boundary friction 
𝐹𝐹𝑣𝑣𝑖𝑖𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣 bearing viscous friction 
𝐹𝐹𝑟𝑟,𝑣𝑣𝑖𝑖𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣𝑣 gear viscous friction 
𝐹𝐹2(𝜆𝜆) statistical function for a Gaussian distribution of asperities 
F5/2(λ) statistical function for a Gaussian distribution of asperities 
ℎ film thickness 
ℎ𝑣𝑣 height of point of contact above the lowest point of the immersing gear 
hc0 dimensionless central film thickness 
ℎ𝑚𝑚,𝑚𝑚𝑎𝑎𝑚𝑚 maximum tip circle immersion depth with oil level stationary 
ℎ𝑚𝑚0 reference value of immersion depth ℎ𝑚𝑚0 = 10mm 
ℎ𝑚𝑚1,𝑚𝑚2 tip circle immersion depth with oil level stationary 
𝐽𝐽𝑎𝑎 axial integral 
𝐽𝐽𝑟𝑟 radial integral 
𝑘𝑘 stiffness 
K conductivity of the lubricant 
𝐾𝐾𝑛𝑛  load deflection factor 
𝐿𝐿𝑎𝑎𝑣𝑣𝑡𝑡 line of action  
𝑙𝑙ℎ hydraulic length 
𝑙𝑙𝑟𝑟𝑟𝑟 gear blank width 
𝑛𝑛 rotational speed 
𝑃𝑃𝑚𝑚𝑚𝑚𝑎𝑎𝑛𝑛 mean pressure 
𝑃𝑃𝑟𝑟,𝑖𝑖  initially applied preload 
𝑃𝑃𝑟𝑟,𝑇𝑇 thermally induced preload 
𝑃𝑃𝑉𝑉𝑉𝑉0 gear churning power loss 
𝑞𝑞 applied load on bearing 
𝑞𝑞𝑟𝑟 applied load on gear 
𝑇𝑇 bearing radius Rbp pinion base radius Rbw wheel base radius req equivalent radius of curvature rp pinion instantaneous contact radius 
Rx radii of curvature along x direction 
Ry radii of curvature along y direction 
𝑇𝑇 temperature 
𝑇𝑇𝐻𝐻 hydraulic loss torque 
𝑢𝑢 entraining speed W loaded gear contact load 
𝑊𝑊𝑎𝑎 fraction of load carried by asperities peaks 
𝑊𝑊ℎ unloaded gear contact load 
𝑧𝑧 number of rolling elements of the bearing 
𝛼𝛼 bearing contact angle 
αt Transverse pressure angle 
𝑎𝑎𝑡𝑡ℎ thermal expansion coefficient 
βa average asperity tip radius 
𝛿𝛿𝛼𝛼  axial deflection 
𝛿𝛿𝑟𝑟  radial deflection 
𝛥𝛥𝑢𝑢 sliding speed 
𝜀𝜀 slope of the lubricant limiting shear stress-pressure curve 
η0 dynamic viscosity of the lubricant at atmospheric pressure 
𝜇𝜇 coefficient of friction 
𝜇𝜇𝑟𝑟 gear coefficient of friction 
ξ asperity density per unit area 
σ composite RMS surface parameter 
𝜏𝜏0 Eyring stress 
𝜏𝜏𝐿𝐿  limiting shear stress(bearing) 
𝜏𝜏𝑟𝑟,𝐿𝐿 limiting shear stress(gear) 
𝜑𝜑𝑏𝑏 pinion angular displacement 
?̇?𝜑𝑏𝑏 pinion angular velocity 
𝜑𝜑𝑏𝑏 wheel angular displacement 
?̇?𝜑𝑏𝑏 wheel angular velocity 
 
